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In this paper a mathematical model is developed to study piston impact
and cylinder liner vibration in internal combustion engines. The aim of this
study is to assess the effect on cylinder liner response (and, therefore on piston-
impact induced noise) of certain design modifications such as eylinder liner
stiffness, .piston mass, and piston/cylinder liner running clearance. A single-
mode representation of cylinder liner vibration is developed using the assumed
modes method, where the cylinder liner is modeled as a thin cylindrical shell
with fixed-free boundary conditions. Expressions for the kinetic and potential
energy of the system, and for the generalized mass and stiffness of the system
are developed. Lagrange's equation of motion is used to derive a differential
equation of eylinder liner motion. The equation of motion for the piston is derived
by assuming that the piston motion is pure translation. The initial conditions
for cylinder liner response arc developed from the conservation of momentum
of the piston and the cylinder liner at impact. Experimental cylinder liner
vibration data from a diesel engine are used to verify the accuracy of the piston
impact model. Agreement between the experimental data and the cylinder
liner response predicted by the mathematical model is generally good, but some
discrepancies do exist. A computer simulation of the model is used to study
the effect of parameter changes.

List of symbols

’

a’ — radius of eylinder liner s
A — area of the top surface of the piston -
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elastic modulus of cylinder liner material
horizontal force applied to the piston

thickness of cylinder liner

generalized stiffness of the cylinder liner

length of cylinder liner

generalized mass of the cylinder liner

mass of the piston

generalized mass of the piston

circumferential mode number

eylinder pressure

generalized coordinates of the cylinder liner
generalized force on the cylinder liner

distance from crankshaft axis to the top of the cylinder liner
radius of crankshaft

length of connecting rod

time

kinetic energy

potential energy

longitudinal coordinate of the cylinder liner
longitudinal position of piston pin
normal displacement of the cylinder liner L
angular coordinate of the cylinder liner
damping ratio

displacement of the piston

angular rotation of the crankshaft

Poissor’s ratio for cylinder liner material
density of cylinder liner material
normalized mode shapes of cylinder liner
mode shape of cylinder liner in the = direction
mode shape of cylinder liner in the « direction
angular velocity of the crankshaft

natural frequency of eylindrical shell

1. Introduction

-

Vehicle noise, particularly noise from trucks and buses, is a major source
of annoyance to people living in industrialized urban areas in this' country,
as well a8 England, Japan, and most industrialized European countries. The
United States and several other countries regulate the amount of noise emitted
by heavy trucks and other types of vehicles. In the United States, for example,
the Environmental Protection Agency [1] has established noise limit regulations
for new medium and heavy trucks stating that the noise level shall not exceed
83 dB(A) (measured at 15.2 m from the side of the truck during a pass-by test)
beginning in January 1978. Another set of regulations [2] applies to users of

medium and heavy trucks.
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Most heavy trucks are powered by diesel engines. Because of increased
power requirements and energy considerations, the percentage of medium
trucks using diesel engines is increasing. Diesel engines are noisier than spark
ignition engines of similar horsepower rating because of a high peak cylinder
pressure and a short cylinder pressure rise-time during ignition.

Extensive studies have been conducted to define the sources of noise of
diesel engines [3]. Combustion excitation is the main source of noise fornaturally-
aspirated engines, while piston impact and other mechanical noise sources are
of secondary importance. However, for turbo-charged engines, piston-impact
generated noise is more important than combustion and other mechanical
noise sources [4]. In a turbo-charged diesel engine the peak cylinder pressure,
and, therefore, the forces that accelerate the piston, is higher than the peak
eylinder pressure in a naturally-aspirated diesel engine. On the whole, however,
turbo-charged diesel engines are quieter than their naturally-aspirated counter-
parts because turbo-charging smooths the combustion process, thereby reducing
the combustion noise.

Fig. 1 shows two one-third octave spectra of the noise of a 350 hp turbo-
charged diesel engine commonly used in heavy trucks. The upper spectrum is
the noise of the engine fitted with standard pistons; the lower spectrum is the
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Fig. 1.  Diesel engin'e noise spectra L | l | 1
showing the importance of piston 500" " 1000° 2000 4000 ' 6000
impact frequency [Hzl

noise of the same engine fitted with oversize pistons to minimize piston impact.
A reduction of the overall noise by about 3-4 dB(A) was observed by this modi-
fication, indicating that piston impact accounts for at least fifty percent of the
sound power of this engine. : ' ; \
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The mechanisms of the piston impact phenomenon can be seen in simplified
fashion in Fig. 2. During the compression phase of an engine cycle the piston
is held in sliding contact with one side of the cylinder bore by the horizontal
component of the force applied to the piston pin by the connecting rod. This
force component reverses direction at top-dead-center (TDO); and the piston

—= |e— running clearance ( exaggerated )
/— gas pressure piston impact
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|/ piston
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(combustion phase )

Fig. 2. Bequence of events showing piston-impact phenomenon

is accelerated across the cylinider bore until it impacts the opposite side, where-
upon sliding contact resumes. Because the peak pressure in the eylinder at TDC
may exceed 107 Pa, the horizontal component of the force on the piston can be
a8 high as 9000 N for a large-bore diesel engine. The result of this large horizontal
force is a severe impact when the piston strikes the cylinder wall.

In most diesel engines the cylinder wall is actually a cylindrical shell pressed
into the block at the upper edge. Measurements on the outer surface of the
cylinder liner have shown that the acceleration of the cylinder liner can
exceed 150 G when piston impact occurs. Coolant water circulates around the
outer surface of the cylinder liner. The energy released upon impaet is transmitted
through the coolant water to the external surfaces of the engine block where
it is radiated in the form of sound.

A number of researchers have analyzed the motion of the piston with the
aim of understanding piston impact noise. Work in this field has recently been
reviewed by HAYES [5, 6], and some of the more comprehensive studies will be
discussed here. FIELDING [7, 8] developed an elaborate set of equations deseribing
the behavior of the piston as it travels across the cylinder bore. He used the final
feloeity of the piston to calculate the impact energy (kinetic energy on impact)
.of the piston on the cylinder liner. This parameter was used to estimate what
effect certain design changes would have on piston-impact induced noise. FuJi-
MOTO, et al., [9-11] have studied the effect of oil-film cushioning and ring-groove
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friction on piston motion. They used a reciprocating compressor to avoid the
complications of combustion, and obtained some photographs showing piston
contact area by using a transparent cylinder liner. ;

Neither of the above studies congidered the behavior of the eylinder liner
after impact. HADDAD and ForTESCUE [12] and HADDAD [13] have used
an analog computer simulation to study the vibration of the cylinder liner.
They used a two-mode expansion to represent the cylinder liner.

The remainder of this paper discusses a mathematical model for piston
impaet and eylinder liner vibration. Of particular importance in this study was
the response of the cylinder liner to piston impact. Another aspect of this
study [6] was concerned with developing a coherence model to predict piston
impact noise. The cylinder liner vibration is used as an input parameter in‘ the
model.

.

2. Experimental observations

As a preliminary to the mathematical model, several experiments were
conducted to determine the characteristics of piston impact and vibration.
Accelerometers were mounted inside the coolant passage on the external surface

acceleration [100G /div 1

Fig. 3. Typical cylinder liner
acceleration time-histories
a — one complete engine cycle (720°
of crankshaft rotation), b — major = =
vibration near TDC, ¢ — low-amplitu- —= l=—5ms
de vibration, d — high amplitude i 1 | |

vibration due to piston impact '

time [lmsl

of the cylinder liners of the diesel engine described with reference to Fig. 1.
Thése accelerometers were mounted at a point on the cylinder liners correspon-
ding to the midpoint of the piston at impaet. Fig. 3 shows a typical acceleration
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time history, for approximately 720° of crankshaft rotation, with the engine
operating at rated horsepower. As can be seen from Fig. 3a, the most significant
region of vibration (typically 125 G maximum acceleration) begins slightly
prior to TDC (between the compression and expansion strokes) and has a dura-
tion of about 5 ms. Figure 3a also reveals vibration due to five other lesser
piston impacts that may oceur during the intake, compression, expansion, and
exhaust eycles of the engine, as well as vibration due to other mechanical forces.
The piston impact near TDC is almost always the most important of the six
piston impacts that may ocecur for each-720° of crankshaft rotation [11, 12].
All the vibration except the major vibration near TDC was edited from the
data, Fig. 3b. The effect of this can be seen in Figs. 4a and 4b which show the
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Fig. 4. Spectra of acceleration time-histories in Fig. 3
& — one complete engine eycle, b — vibration near TDC, ¢ — low-amplitude vibration, d — high-amplitude vibra-
tion

spectra of the vibration signals in Figs. 3a and 3b, respectively. This editing
procedure was used to make interpretation of the spectra easier, as seen by
comparing Figs. 4a and 4b. There was not a sufficient number of data eycles
available to smooth the spectrum in Fig. 4a using traditional ensemble-averaging
techniques. The vibration time-history was further edited when it was noticed
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that the vibration near TDC consisted of two parts: a low-amplitude vibration
beginning just prior to TDC and lasting about 2 ms, followed by a high-amplitude
vibration lasting approximately 3 ms. It was observed that the low-amplitude
vibration was very high frequency and randoni in nature, and it did not repeat
well from engine cycle to eycle. On the other hand, the high-amplitude vibration
(due to piston impaet) was quite repeatable from cycle to cycle. The spectra
of the vibration time histories in Figs. 3¢ and 3d are shown in Figs. 4¢ and 4d,
respectively. g

From Figs. 3 and 4 it can be seen that piston impact causes the cylinder
liner to vibrate over a broad range of frequencies between 1000 and 3000 Hz,
with a maximum vibration around 1900 Hz. The data in Fig. 1 seem to support
this conclusion as well. The natural frequencies w, of a circular cylinder of
uniform thickness, clamped at one end and free at the other, are given by [14]:

=_l/(0595n)( Shmas (h')zl/_ 2

where a’, ' and L are the shell radius, thickness, and length, respectively,
and where B, o, and p are the Young’s modulus, density, and Poisson’s ratio,
respectively, of the shell material. The natural frequencies given by equation (1)
are for modes with no circumferential node lines and 2n longitudinal node lines.
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Fig. 5. Mode shape for fundamental vibration of clamped-
free cylindrical shell

The lowest natural frequency for such a shell is when n = 2 [14], i.e., the shell
cross-section deforms into the shape of an ellipse, see Fig. 5. For the steel cylinder
liner in the diesel engine used in this study: L = 277 mm, ¢’ = 74.7 mm, and
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&' = 8.26 mm which yields a natural frequency of 1600 Hz using equation (1).
In reality, the cylinder liner is restrained slightly at the lower end by a visco-
elastic gasket. This would cause the actual natural frequency to be somewhat
higher than equation (1) prediets.

Mechanical impedance tests were carried out to measure the natural frequen-
cy and mode shape of the cylinder liner. This was accomplished by removing
the piston from one of the cylinders and attaching a small vibration exciter
at the point on the cylinder liner where piston impact occurs. This test revealed
the existence of the elliptical mode at approximately 1800 Hz.

The preliminary tests described above indicated that the cylinder liner was
responding to-piston impacts at its fundamental resonant frequency, and that

w=swshigher modes were not important. Note, however, that Fig. 4 shows some
vibration response near 6 kHz that may be the result of higher modes. But,
from the practical viewpoint of noise reduction, only noise in the 500-3500 Hz
region is important (see Fig. 1).

3. Piston impact model g
When a single vibration mode dominates the overall response of a-complex
dynamie system, it is convenient to define an equivalent single-degree-of-freedom
system to approximate the response of the real system. One way of accomplishing
this is to use the method of assumed modes. In general, the normal displacement
y(x, a, t) of the shell can be represented by [15]

m &
(@, a,1) = 3 (@, a) (1), (2)
i=1
where @,;(x, a) are the assumed mode shapes, where g¢;(1) are the generalized
coordinates, and where x and a are defined in Fig. 5. For a single mode (m = 1)
expansion, equation (2) reduces to:

y(@, a,t) = Dy(w, a)q,(t). (3)

The assumed mode @(x, a) is orthogonal in terms of # and a and can be
written

By(2, a) = Py(@) Dola), (4)

where @, () is the portion of the assumed mode dependent only on # and @,(a)
is the portion dependent only on a (see Fig. 5).

The assumed mode shape was chosen such that the deflection @,(x) along
the length of the cylinder was the static deflection due to a uniformly distributed
force. The deflection @,(a) along the eylinder circumference was chosen to have
four node lines.
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Thus:
@it afe\® 1!
@z(m) = 2 (_f) -"?3-(3—) +_3—(f) ’ diﬂ(a) = 0052(1.,
and
s\ E R e
D, (z, a) = {2 (f) _E(f) —}—-:—3-(-3) }cos2a. (5)
Regarding external forces as nonconservative, Lagrange’s équa-tion of
motion has the form
d(aT) 6T+6V o) 6‘
i \og) "o "o W

where Q(t) is the generalized force, and where T ﬁnd V are the kinetic and
potential energies, respectively, of the system. The kinetic energy can be found
from

T = —mnq”(t ' (7)
and the potential energy can be found from

1
Vi) = Eknﬁﬁ (), (8)

where m,, is the generalized mass and k,, is the generalized stiffness of the
system. Using (7) and (8), equation (6) becomes:

mn&l(t) +k1q:(8) = Q(1)- (9)

The generalized mass of the cylinder can be found from -

en L

my = a'ffm(m,a)q)i(w, a)dzda, - (10)

where m(xz, 0) is the surface density of the cylinder. The generalized stiffness
of the cylinder cannot be calculated as easily, but it can be approximated by

by ~ wimua ‘ (11)

where o, is the natural frequency found from equation (1).

When the piston is in sliding contact with the cylinder liner, the mass of
the piston will modify the equivalent mass of the system. This effect can be
included by calculating the generalized mass of the piston a point at a distance
=z, from the top of the cylinder liner. (Note: This approach assumes that the

piston remains in contact with the cylinder liner after impact. The consequences
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of this assumption will be discussed later in this paper.) The generalized mass
of the piston M, is

-Mp =¥ M@f(ml,O), (12)

where M is the mass of the piston. M also includes the mass of the piston pin
and the mass of that portion of the connecting rod assumed to be lumped at
the piston. :

The distance x,; corresponds to the piston pin location and is found from the
kinematics of the slider crank mechanism

@,(t) = R+R,cos 0 —R,[L —(R,/R,)2sin?07", (13)

where R is the distance from the crankshaft axis to the top of the cylinder
liner, B, is the radius of the crankshaft, R, is the length of the conneecting
rod, and 0 = wt is the argle of rotation of the crankshaft rotating with
angular velocity w; 0 = 0 is at the bottom-dead-center position of the piston.

The horizontal component of the force at the piston pin helps to hold the
piston in contact with the liner after impact has occurred. Because this force
is a time-varying one, it will excite the cylinder liner. Assuming that this force
is applied at a point at a distance x, from the top of the cylinder liner, the
generalized forcesis

Q(t) = F(t)Py(21, 0), (14)

where #; is given by equation (13) and where F (?) is the horizontal corﬁponent-
of the force applied to the piston at the piston pin. This force can be found
from [5]: -

2
T = —&{AP(B)sinB %ng[il— sin 26+ iii31113(9]}, (15)
B, : 2 R,
‘where A is the area of the top surface of the piston and P(0) is the cylinde
pressure. !

It can be seen from Fig. 3d that the cylinder liner.vibration is underdamped,
but it is difficult to caleulate the damping in the system. Several damping
mechanisms occur during piston impact. These include: structural damping of
the eylinder liner and piston, damping due to oil-film cushioning and ring-groove
friction [9], and damping due to the radiation of sound from the external surfa-
ces of the cylinder liner. When such complex damping mechanisms ocecur in
a system, it is common to estimate an equivalent viscous damping ratio from
experimental data. Defining the equivalent damping ratio {, the generalized
damping force is 20w, (M, +M,)q,(1).

Using equations (9) and (11), as well as the above mentioned results for
equivalent visecous damping, an equation representing an equivalent single-
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ilegree—oi—freedom system describing the vibration of the cylinder liner after
impaet is

L . w, s s
00 +200nin 0+ [ ) = (16

This model is represented schematically in Fig. 6. Fig. 6a shows the model
while the piston undergoes free-travel just prior to impact, while Fig. 6b repre-
sents the model after impact. During piston free-travel, equation (16) with @ (¢)

q,(t) n

‘EJ-I
——|:‘ :l I:'_ ol
7

\\\\\\\\

al

Fig. 6. Models for piston impact and cylinder
liner vibration
a — model during piston free-travel, b — model after impacy, b)

and M, set equal to zero represents the motion of the eyhnder liner. The motion
of the plston during free-travel is governed by

F(t) = My, (17)

where #(t) is the displacement of the piston; # = 0 corresponds to the piston
in contact with the non-impact side of the cylinder liner.

Some comments are in order concerning the shortcomings of the model
represented by equations (16) and (17). A detailed model of damping has inten-
tionally been avoided by the use of an equivalent viscous damping ratio determi-
ned from experimental data. The use of an experimentally determined damping
ratio facilitates the description of the model, but provides very little insight into
the actual damping mechanisms responsible for dissipation of the mechaniecal
energy of the cylinder liner. This is a very challenging topic of research which
was beyond the scope of the present study.

Equation (17) assumes that the piston motion durmg free-travel is pure
translation. This is a highly ideal situation, and results in a very simple formula-
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tion for the piston momentum just before impact. In practice, however, there
exist unbalanced moments, due to friction and the fact that the piston pin does
not usmally coincide with the center-of-gravity of the piston, which impart
angular momentum to the piston. These effects alter the piston-impact process
by producing more than a single impact that results from equation (17). An
example of a model that includes rotation is given in [7].

4. Initial conditions

Once initial conditions are specified, equations (16) and (17) can be used to
simulate piston impact and cylinder liner vibration. All of the parameters in
these equations except P(0) and « can be found from the dimensions of the
cylinder liner and the slider-crank mechanism. P(6) and o describe the operating
conditions of the engine and must be specified before simulation can take place.
This information is usually known by engine designers from theoretical models
or prototype engines. For this study the cylinder pressure was measured at
rated horsepower and speed (w = 220 s-1,) with a piezoelectric pressure
transducer mounted in the cylinder head above one of the eylinders. Fig. Ta
shows the measured cylinder pressure (as a function of crankshaft angle), and
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Fig. 7. a — cylinder pressure at rated horsepower as a function of crankshaft angle, b —
horizontal component as piston forece computed from Fig. 7a using equation (15)
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Fig. 7b shows the horizontal component of the piston force computed from
the data in Fig. 7a with the aid of equation (15).

The simulation is broken into three stages: the compression stage, in
which the piston is in sliding eontact with the nonimpact side of the cylinder
liner; the free-travel stage, in which the piston traverses the cylinder bore;
and the expansion stage, in which the piston is in sliding contact with the
impact side of the cylinder liner. These stages are discussed below:

1. Compression stage (0 < < #,): During this stage equation (16) describes
the behavior of the cylinder liner and the piston. This stage begins at bottom-
dead-center (0, = 0), and the initial conditions are

q(0) = q(0) =0, (18)

i.e., it is assumed that no residual vibration is present from previous piston
impacts. This stage terminates when 6 = =; at this point define ¢ = ;.

2. Free-iravel stage ({, <t < {,): During this stage equation (17) governs
the piston motion, and the initial conditions are

7(t,) 3 ¢:1(t), i(t) = q(t), (19)

where g, (,) and ¢, (t,) are the generalized displacement and velocity, respectively,
of the cylinder liner at the end of the compression stage. These conditions are
also used as initial conditions to solve equation (16), with @, = 0 and M, =0,
to find the vibration of the cylinder liner during piston free-travel. The free-travel
stage ends when 5 = §, where ¢ is the running clearance between the piston
and the cylinder liner; at this point define ¢ = ¢,.

3. Expansion stage (, < t < t3): During this stage impact takes place and
the piston is once more in sliding contact with the cylinder liner. Equation (16)
governs the vibration of the cylinder liner. The initial displacement of the
cylinder liner is ¢,(#) = ¢, (%,), but the initial condition of the generalized velocity
must be determined from conservation of momentum. Just ‘before impact the
momentum of the piston is M (#,), and the generalized momentum of the liner
is M,,q,(t;). The momentum of the piston/cylinder liner just after impact is
(M, +m,,)q(tF), and the initial generalized velocity for this stage is, therefore:

M (ty) +mqy !-11 (t2)

20
M +my, e

‘.711”;) =

‘Equation (20) assumes that the piston impact is inelastic (i.e., no piston
rebound). This same assumption was made by FIELDING [7] in his work. Other
experimental results indicate that rebound is very small [12] or nonexistent [11].
A careful study of the liner vibration (Fig. 3) with an expanded time scale did
not reveal any evidence of multiple impacts. If rebound is found to occur,
then equation (20) may be modified by including a coefficient of restitution [12].
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5. Results and discussion

Using the data in Fig. 7a, along with the dimensions of the diesel engine -
used in this study [5], a simulation of the mathematical model was made using
a digital computer. Fig. 8a shows the results of the computer simulation (solid
line) and the measured ¢ylinder liner acceleration time-history (dashed line) for
the diesel engine operating at rated horsepower and speed.

150 ey T T T T I
S
S 100 | -
s
[
g i
o 50 — " —
I
I IA
O ) - v“" ‘IA‘J .-\'AU v‘n‘-“ {n-‘I'A 1 !I ‘ A A..V‘L’\—Vﬂv-—-‘
| 1V'|U W
'R
i
=50 ] -
-100 - put
_150 ] 1 1 ] ! 1
<900 -675 -450 -225 0 225 450 675 90.0

crank angle [degrees J.

Fig. 8a, Measured (dashed line) and predicted (solid line) cylinder liner aceeleration time-histo-
ries

The experimental data in Fig. 8a is the same data in Fig. 3a, but a low-pass
filter (4000 Hz break frequency) was used to remove the high-fre§uency vibra-
tion that corrupted the original acceleration signal. Note, also, that the accele-
rations in Fig. 3 are inverted.

The actual cylinder liner and piston running clearance was not precisely
known, but the manufacturer believed that it was in the range of 0.13 to 0.20 mm.
A clearance of 0.18 mm aceurately predicts the point of impact (approximately
12° after TDC) (see Fig. 8a). The damping ratio ¢ used in the computer simula-
tion was 0.13. This value of { was selected because it made the settling times of
the experimental and computer simulation data approximately equal. The high
value of damping cannot be accounted for solely by structural damping mecha-
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nisms; other damping mechanisms, such as ring-groove friction and oil-film
cushioning, are probably more important [11].

The simulation data in Fig. 8a show that cylinder liner vibration is negligible
prior to piston impact, and that the vibration after impact is approximately
zero for crankshaft angles exceeding 90°. For this example at least, the simula-
tion could be simplified by omitting the compression stage portion of the mathe-
matical model.

From Fig. 8a it can be seen that there is a difference in the overall form of
the two acceleration time-histories. The results of the computer simulation
show a very large acceleration immediately following impact; this acceleration
decays exponentially, as expected for a single-degree-of-freedom system. In
comparison, the initial measured acceleration is not nearly so large, but the
acceleration during the second cycle of oscillation is very large. This behavior
is perhaps due to oil-film eushioning and /or the presence of higher-order vibra-
tion modes.

auto-spectrum [G?]

0 500 1000 1500 2000° 2500 3000 3500 4000
frequency (Hz]

Fig. 8b. Measured (dashed line) and predicted (solid line) cylindef liner acceleration spectra
(computed from Fig. 8a)

Fig. 8b shows a comparison between the acceleration spectra of the two
signals in Fig. 8a. The frequency resolution of these data is 17.5 Hz, correspon-
ding to the reciprocal of the period of one complete engine cycle (720° of crank-
shaft rotation). While these spectra agree in form, there are some discrepancies
in magnitude and frequency. In Fig. 8b it can be seen that the spectrum of the
experimental acceleration time-history has a considerable amount of random
error superimposed upon the true speetrum. This random error could be reduced
if more data had been used to compute a smooth spectrum by using ensemble-
averaging methods. :

2 — Archives of Acoustics 2/81
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6. Parameter study

The importance of the mathematical simulation described in this paper
lies in its ability to assess the effect of design changes involving critical parame-
ters such as running clearance and piston mass. The results in Fig. 8 show that
the mathematical model is not sophisticated enough to accurately predict
absolute values of cylinder liner vibration. However, the model does provide
an estimate of the general trends in the experimental data. From the standpoint
of engineering design, the model may be used to evaluate the effect of relative
changes in design parameters. However, one must be careful not to vary the
design parameters over a range that violates the assumptions used in formulating
the mathematical model. For example, in evaluating the effect of cylinder
liner thickness, one would not want to violate the condition A’ < a’ which is
an assumption used in the derivation of equation (L),

In this paper only three parameters — running clearance, piston mass, and
cylinder liner thickness — are varied; a more complete parameter study is
given in [5]. Each parameter is varied twice, one value less than and the other
value greater than the nominal value used to predict the data in Fig. 8. The
nominal values used to calculate the data in Fig. 8 were: 6 = 0.18 mm, M =
= 5.34 kg and 1’ = 8.26 mm. '
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Fig. 9 shows the effect on cylinder liner vibration of varying the piston /cylin-
der liner running clearance 8. Fig. 9a compares the acceleration time-histories
for ‘6 equal to 0.090 mm and 0.36 mm. With the larger running clearance, piston
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impact is delayed approximately 5°, and the peak acceleration is increased about
21/2 times. Fig. 9b shows the accelaration spectra computed from the time-histo-
ries in Fig. 9a. Fig. 9b shows that, near 1500 Hz, increasing the running clearance
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has an effect more pronounced than is expected from the data in Fig. 9a. It can

be seen from Fig. 9b that the peak response is increased by a factor of six due to
a fourfold increase in 4.
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The effect of changes in piston mass can be seen in Figs. 10a and 10b. In
the time domain, Fig. 10a,.increasing the piston mass from 2.3 kg to 6.8 kg
has only a small effect on the peak acceleration; the impact is delayed appro-
ximately 5°. In the frequency domain, it can be seen that for the 6.8 kg piston
the acceleration spectrum increases about 309, near 1500 Hz; there is also
a small decrease in the frequency of the peak response due to the increased
mass of the piston/cylinder liner system. .

The qualitative effect of increasing either the running clearance or the
piston mass is the same — an increase in the piston momentum at impact — but
the magnitude of the effect is greater for changing the running clearance than
it is for changing the piston mass. This can be seen by deriving an expression for
the piston momentum at impact using equation (17) and agsuming that F(t)
is a linear function of ¢ near TDC (see Fig. 7b). This leads to the result that the
piston momentum at impact is proportional to (8M)2 /3, Thus, a fourfold increase
in ¢ increases the peak acceleration of the cylinder liner by a factor of approxi-
mately 2.5, as seen in Fig. 9a. On the other hand, a similar increase in piston
mass will not have so great an effect on the cylinder liner aceceleration due to
the increased mass of the cylinder liner and piston system (see numerator, equa-
tion (20)).
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The effect of altering the cylinder liner thickness can be seen in Figs. 11a
and 11b. Thege figures show that increasing the cylinder liner thickness from
5.1to0 12.7 mm increases the peak-response frequency, but lowers the magnitude
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of the peak response, Fig. 11b. Both of these effects can be explained by noting
that increasing the cylinder liner thickness increases the stiffness and the
natural frequency of the eylinder liner, equation (1).

7. Summary and conclusions

A simple mathematical model has been developed to study piston impact
and eylinder liner vibration in internal combustion engines. The results of this
model agree reasonably well with experimental data, although the model uses
geveral simplifying assumptions. The cylinder liner was modeled as a thin
eylindrical shell with fixed-free boundary conditions; only the fundamental
mode of vibration of the shell was considered. The experimental data seem to
support the use of a single-mode cylinder liner model, at least in the 500-3000 Hz
frequency range where piston impact noise is important. During free-travel,
the piston was assumed to move in pure translation only. Other piston models
(e.g., [7]) include rotational effects; but in view of the results in this study
perhaps rotation is of secondary importance.

- The model could be refined when more information on piston impaect is
available. For example, a study of energy dissipation and momentum transfer
mechanisms at impact would yield estimates of an equivalent viscous damping
ratio and a coefficient of restitution. In the meantime, the mathematical model
developed in this study is useful for assessing the effect on noise of engine design
changes.
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